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Abstract: Two simple and effective control strategies for a multi-axle heavy truck - modified skyhook 
damping (MSD) control and proportional-integration-derivative (PID) control - were implemented into 
Functional Virtual Prototype (FVP) model and compared in terms of road friendliness and ride comfort. 
A four-axle heavy truck-road coupling system model was established using FVP technology and 
validated through a ride comfort test. Then appropriate passive air suspensions were chosen to replace 
the rear tandem suspensions of the original truck model for preliminary optimization. The mechanical 
properties and time lag of dampers were taken into account in simulations of MSD and PID semi-active 
dampers implemented using MATLAB/Simulink. Through co-simulations with Adams and MATLAB, 
the effects of semi-active MSD and PID control were analyzed and compared, and control parameters 
which afforded the best comprehensive performance for each control strategy were chosen. Simulation 
results indicate that compared with the passive air suspension truck, semi-active MSD control improves 
both ride comfort and road-friendliness markedly, with optimization ratios of RMS vertical 
acceleration and RMS tyre force ranging from 10.1% to 44.8%. However, semi-active PID control only 
reduces vertical vibration of the driver’s seat by 11.1%, 11.1% and 10.9% on A, B and C level roads 
respectively. Both strategies are robust to variation of road level. 
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1 Introduction 
The interaction between heavy vehicles and road infrastructure (roads and bridges) has been 
receiving increased attention. The static values of road-tire forces are regulated by current 
standards. However, many studies [1,2] have shown that dynamic road-tire forces cause 
significantly increased damage to roads and increased loading of bridges.  
For vehicle suspension systems, there are two main requirements: (a) keep acceleration of the 
sprung mass within reasonable limits for the driver and transported load, and (b) maintain driving 
safety and road-friendliness, i.e., minimize the amplitudes of tire-road contact forces. As a 
consequence, truck suspension design aimed at improving both ride comfort and road friendliness 
has become an important subject and the focus of much research in recent years.  
It is relatively easy to obtain improvements in ride comfort, but quite difficult to 
simultaneously obtain reductions in road damage for heavy trucks. For example, when a truck hits 
a small pothole on a rough road, the suspension force remains constant for “ideal” ride comfort. 
But if the suspension force can be reduced, the peak tire force to the pavement at the bottom of the 
pothole and thus the road damage may decrease. 
In general, suspension systems can be classified into three categories: passive, semi-active 
and active [3]. Over a number of years, efforts have been made to optimize the parameters of the 
suspension system, but due to the intrinsic limitations of passive suspension systems, such 
improvements are only effective in a very limited frequency range. In contrast, active suspension 
can improve the performance of the suspension system over a wide range of frequencies, except 
very low frequencies due to travel limitations and friction nonlinearities inherent in the suspension 
components, as well as frequencies close to or greater than the tire’s first mode. However, it is still 
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not practical to install active suspension in all trucks due to the high expense involved. 
Semi-active suspension was proposed in the early 1970s [4]; it combines the advantages of both 
active and passive suspensions, as it provides good performance compared with passive 
suspension, is economical and safe, and does not require either high-powered actuators or a large 
power supply. This paper therefore focuses primarily on semi-active suspensions. 
Most semi-active suspensions presented in previous literature focused on ride comfort, 
suspension stroke and driving safety or a combination of these parameters [5-7]; however, only a 
few studies have considered both ride comfort and road-friendliness.  
Modern control methods such as optimal control, robust control, and adaptive control were 
widely investigated in this area. Canale et al. [8] developed ‘fast’ model-predictive techniques for 
semi-active dampers. They also analyzed two other methods—the LQ-clipped and sky-hook 
methods—and showed that the ‘fast’ model-predictive techniques which provided the best ride 
comfort and handling characteristics for trucks were less effective for road-friendliness. Sung et al 
[9] investigates the control of electronic control suspension (ECS) equipped with a controllable 
magneto-rheological (MR) shock absorber. Five control strategies (soft, hard, comfort, sport, and 
optimal mode) are formulated and compared in terms of vertical acceleration of the car body and 
tyre deflection, in both time and frequency domains under various road conditions. Zapateiro et al 
[10] designed backstepping control and quantitative feedback theory control for 
magneto-rheological dampers in Matlab/simulink, the former strategy was found more effective in 
improving ride comfort, while the latter one demonstrated more reduction in tyre force. In another 
work carried out by Chen and Zhu [11], through formulating the sprung mass acceleration suitably 
as the optimization object, suspension deflection and tyre dynamic load and coulomb damping 
force as the constraint objects, with considering the control input time-delay, a delay-dependent 
state feedback H-2/H-infinity controller for a magneto-rheological semi-active suspension was 
designed. 
Real time expert control strategies which do not rely on precise mathematical model of the 
system were also implemented in semi-active suspensions due to their simplicity. In research 
conducted by Zareh et al [12], a neuro-fuzzy (NF) control strategy was implemented to 
magnetor-heological (MR) dampers of an eleven degrees of freedom (DOF) passenger car, and 
comparison were made with linear quadratic regulator and linear quadratic Gaussian controllers in 
terms of displacements of seat and tire. Related work was performed by Metered et al [13], who 
introduced a neural-network based semi-active MR damper controller and applied it to a quarter 
car model as well as a HILS (hardware-in-the-loop simulation) test; both results suggested that the 
neural-network control yielded better vehicle performances in terms of suspension working space, 
body acceleration and dynamic tire load, compared with continuous-state control. 
Although some control strategies have been found to be effective both theoretically and 
experimentally, at least two problems still remain. First, most researchers used models with small 
number of DOF for simulation or experiments. However, the mechanical properties of real leaf 
springs (friction and multiple bearing points) are complex and the vibrations of a sprung mass on 
different axles tend to interact with each other, so the research results of these studies are 
constrained in application, especially for multi-axle heavy trucks. Second, the algorithms of some 
control strategies such as LQR control and H-infinity control are complicated and usually requires 
full-state feedback. Although some other control strategies (fuzzy control, neural network control, 
etc) have simple structures, the control laws are usually developed based on experiences of field 
tests, which are difficult to obtain and likely to be imprecise. Therefore, it is significant to design a 
simple suspension control algorithm which requires a small number of measured states to enhance 
the ride comfort and road-friendliness of multi-axle heavy trucks.  
This study was initiated with the goal of establishing and validating a coupling model for a 
four-axle heavy truck and road based on FVP technology. The next step involved replacing the 
rear tandem suspensions of the original truck model with appropriate passive air suspensions for 
preliminary optimization. Taking damper mechanical properties into account, analysis and 
comparison were performed for two simple but effective semi-active damping control methods - 
MSD control and classical PID control through co-simulation using Adams and MATLAB. 
Control parameters were tuned for both strategies to get the best truck performance in terms of 
both road-friendliness and ride comfort. 
2 FVP heavy truck model with random road inputs 
2.1 Modelling of four-axle heavy trucks  
A FoTon 8×4 heavy dump truck dynamic model was established in Adams. The modelling was 
divided into five processes: acquiring vehicle parameters, modelling the frame and steering 
system, establishing the run system, constructing the suspension system and modelling other 
systems. For these processes, the geometry and mass parameters were obtained from the Catia 
truck model, which had identical dimensions to the truck prototype; mechanical parameters such 
as leaf suspension stiffness, damping coefficient and rubber bush parameters were provided by 
experiments. The main truck parameters are shown in Table 1. 
 
Table 1 Main parameters of the heavy truck 
Gross sprung mass (kg) 13670 Tire stiffness (N.m-1) 1209000 
Rated-carrying capacity (kg) 17135 Tire damping coefficient (N.s.m-1) 50 
Seat mass (kg) 39 Carriage length (m) 7.20 
Driver mass (kg) 65 Carriage width (m) 2.30 
Leaf spring stiffness (N.m-1) 426087 Carriage height (m) 1.25 
Tandem suspension stiffness (N.m-1) 3362745 Wheel base (m) 1800＋3450＋1364 
Seat stiffness(N.m-1) 29900 Tire radius (m) 0.565 
Seat damping coefficient (N.s.m-1) 680 Tire width (m) 0.195 
 
 
Fig. 1 Catia model of the heavy truck. 
In the suspension system, four leaf springs are mounted on the two front steering axles, and 
two tandem suspensions on the two rear driving axles. Both the leaf springs and tandem 
suspensions were developed based on Timoshenko beam elements, and UA tyre models were 
employed. As shown in Fig. 1, only the steering axles are equipped with passive dampers; the 
mechanical properties of the passive dampers are measured and fitted, as illustrated in Fig. 2. The 
622-DOF (degree-of-freedom) heavy truck FVP model presented in Fig. 3 was obtained by 
coupling different parts with conformable joint types.  
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Fig. 2 Mechanical properties of passive dampers on the steering axles. 
 Fig. 3 Whole truck FVP model. 
2.2 Description of road surface roughness  
Typical road surfaces are generally considered as realizations of homogeneous and isotropic 
two-dimensional Gaussian random processes; these assumptions make it possible to completely 
describe a road profile using a single power spectral density evaluated from any longitudinal track. 
In addition, a realistic road model takes into account the correlations between different axles and 
between parallel tracks. The unilateral track excitation model can be built from the following 
formulation [14]: 
1 1( ) ( ) ( )q t q t u t                               (2) 
where 1 ( )q t  is the roughness of the left track; u  is the truck velocity; and ( )t  is the white 
noise random signal with a mean value of zero where white noise power is 22 u  .   and   
are road roughness constants varying with road levels (A, B, C, etc level of road). 
The left track is related to the right track by the following equations: 
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where 1x  and 2x  are state variables; x  and y  are the white noise excitations of the left and 
right tracks; and 0a , 1a , 2a , 0b , 1b  and 2b  are parameters of the road coherence function 
and are fitted based on road test results [15], such that 0 3.1815a  , 1 0.2063a  , 2 0.0108a  , 
0 3.223b  , 1 0.59b  , 2 0.0327b  . The white noise of the right track is calculated by substituting 
1x  and 2x  from Eq. (3) into Eq. (4). The road model was initially established using 
MATLAB/Simulink and then converted to the 3d_polyline form in Adams. 
3 FVP model validation 
For the purpose of FVP truck model validation, a particular model of Foton truck was employed 
for a ride comfort test. The required equipment included eight ICP INV9829 accelerometers, an 
INV3018C data acquisition instrument, and a portable computer with DASP software. All of these 
devices were made by the China Orient Institute of Noise and Vibration. By installing them on the 
truck (Fig. 4), acceleration data for the driver seat and rear carriage in three directions, for the 
tandem suspension in the vertical direction, and for the front carriage in the vertical direction were 
collected for comparison with simulated results. Both unloaded and overloaded conditions were 
tested on a smooth road (C class) for comprehensive validation of the model, with driving 
velocities of up to 60 and 50 km/h, respectively, and the test for road level was determined 
through a gradienter. 
 
  
(a) Truck prototype                          (b) Seat set-up 
  
                  (c) Front carriage set-up         (d) Rear carriage and tandem suspension set-up 
 
  
 
(e) Data acquisition instrument and DASP software set-up 
Fig. 4 Installation of devices. 
Compared with vibrations in other directions, vertical vibrations are more important for ride 
comfort and road friendliness, which were the main topics of our study. Fig. 5 shows the measured 
and simulated vertical vibrations for the driver of an unloaded truck. Except for some prominent 
differences in frequency lower than 2 Hz of the PSD (power spectral density) plot, there is 
reasonable agreement between the data in Fig 6. The RMS value of 0.841 m s-2 and peak PSD 
value of 0.923 m2 s-4 Hz-1 for the measured acceleration are only slightly higher than the 
corresponding values of 0.783 m s-2 and 0.729 m2 s-4 from the FVP model. 
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(a) Time history                                   (b) PSD 
Fig. 5 Driver’s vertical acceleration validation for unloaded truck. 
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(a) Vertical acceleration PSD of front carriage        (b) Vertical acceleration PSD of rear carriage 
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(c) Vertical acceleration PSD of tandem suspension 
Fig. 6 Vertical vibration validation of other parts for unloaded truck. 
The vertical vibration validations of the front carriage, rear carriage and tandem suspension 
of the unloaded truck are given in Fig. 6. Similar to Fig. 5, the simulation results correlated well 
with the measurements, especially for frequencies higher than 2 Hz. The measured response peaks 
for the sprung mass resonance are 8.8%, 29.5% and 26.6% larger, respectively, than predicted by 
the simulation; this corresponds to RMS errors of 7.1%, 8.4% and 7.6%, which are mainly due to 
noise in the measured acceleration signal and wear of the parts of the test truck after a period of 
use. Similar results are observed in vertical vibrations for an overloaded truck, as illustrated in Fig. 
7. Therefore, the FVP truck-road model can be employed for dynamic analysis. 
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(a) Vertical acceleration PSD of seat           (b) Vertical acceleration PSD of front carriage 
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(c) Vertical acceleration PSD of rear carriage      (d) Vertical acceleration PSD of tandem suspension 
Fig. 7 Vertical vibration validation for overloaded truck. 
4 Vehicle performance criteria and preliminary optimization 
4.1 Vehicle performance criteria 
The RMS body vertical acceleration was chosen as the ride comfort evaluation criterion mainly 
for its simplicity. It is of paramount importance to establish a quantitative criterion to assess road 
damage. The most widely employed is the fourth power law, which was proposed by the 
American Association of State Highway and Transportation Officials (AASHTO) [16]. Based on 
the fourth power law, the road damage coefficient enables the evaluation of the road-friendliness 
of a whole vehicle. The correlation and partially spatial repeatability of dynamic tire forces are 
considered by this criterion for the effective evaluation of road damage. The road damage 
coefficient J which was originally proposed by Cole and Cebon [17] is given by: 
4
4
1.65
1 A
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J
m
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                                (5) 
where 4A is the aggregate fourth power of forces caused by unilateral wheels (wheels on the right 
side were chosen for calculation in this study); and 4A  and 4Am are the deviation and mean 
value of 4A , with 4Am  expressed by the following equation: 
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where jF  is the static load caused by the j-th axle to the pavement. 
The RMS dynamic force of each tire was chosen as supplementary criteria for road damage. 
4.2 Replacement of rear tandem suspensions with passive air suspensions 
Compared with tandem suspension, passive air suspension usually has a low natural vibration 
frequency; its height stays nearly constant under different loads due to the variability of the 
stiffness of air suspension, which enhances the ride quality of vehicle. Thus, a passive air 
suspension system was modelled according to configurations and parameters of NEWAY AD-246 
air suspension [18], which was designed for tandem axle and comprises four independent air bags 
and four dampers, to replace the original tandem suspension models for preliminary optimization. 
The main parameters and mechanical properties are shown in Table 2 and Figure 8. 
 
Table 2 Main parameters of the NEWAY AD-246 air suspension. 
Ride height of air bag (m) 0.254 Wheelbase (m) 1.321-1.524 
Maximum upper dynamic deflection (m) 0.069 Width of chassis (N.s.m-1) 0.851-0.867 
Maximum lower dynamic deflection (m) 0.076 Gross axle weight rating (kg) 20865 
Weight of air suspension system (kg) 433 Gross combined weight rating (kg) 86184 
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(a) Characteristic of air bag                   (b) Characteristic of damper 
Note: Suspension travel is defined as positive when the air bag is extended, and the velocity is defined as positive 
when the distance between upper and lower points of a damper is increasing. 
Fig. 8 Mechanical properties of NEWAY AD-246 air suspension system. 
The wheelbase of the original four-axle truck is 1.364m between the rear axles and the 
chassis width is 0.864m. The bearing capacity of two driven axles is 20685 kg, which is a little 
less than the gross axle weight rating of the air suspension. Thus, the air suspension suits the 
original truck well. The comparison of the fully-loaded original truck and passive air suspension 
truck in terms of road-friendliness and ride comfort are shown in Table 3 through simulations. 
 
Table 3 Effects of passive air suspensions. 
Level of road Performance criteria Original leaf suspension truck 
Passive air suspension 
truck 
Optimization ratio 
(compared with the 
original leaf 
suspension truck) 
A 
J 1.062 1.037 2.4％ 
a1 (m.s-2) 0.161 0.153 5.0％ 
a2 (m.s-2) 0.140 0.124 11.4％ 
B 
J 1.107 1.077 2.7％ 
a1 (m.s-2) 0.340 0.324 4.7％ 
a2 (m.s-2) 0.315 0.262 16.8％ 
C 
J 1.195 1.139 4.7％ 
a1 (m.s-2) 0.619 0.589 4.8％ 
a2 (m.s-2) 0.567 0.472 16.8％ 
Note: a1, a2 are the RMS (root mean square) value of vertical acceleration of driver seat and centre of gravity of 
goods.  
 
It can be seen in Table 4 that the air suspension chosen could provide the truck with better 
road-friendliness and ride comfort. 
5 Control strategies for semi-active damper  
The eight dampers of the passive air suspension truck are passive dampers. In order to obtain 
further improvement for the truck’s overall performance, semi-active dampers should be 
employed to replace the passive ones. Control parameters were determined for two simple, 
effective control strategies and the simulation results were compared in this section. 
5.1 Description of MSD control 
（删除该段） 
Passive damping control was found to effectively decrease the dynamic tire force for both the 
body bounce and wheel hop frequencies, while the skyhook minimizes the sprung mass vibration 
[20]; therefore, an alternative control strategy called MSD control was developed to generate a 
suspension damping force using a combination of passive and skyhook damping. Besinger [19] 
and Kitching [21] reported that MSD control enhances ride comfort and road-friendliness 
simultaneously when applied to a quarter vehicle model. The small number of measured states 
needed for the MSD controller and the simplicity of its control algorithm also makes it attractive 
for practical application; therefore, this strategy was adopted for the semi-active dampers 
discussed in this paper. 
Fichtel & Sachs CDCn50/55 semi-active dampers [22] designed for heavy trucks were 
chosen for the MSD semi-active damper model. The damping force limitation against velocity 
under various electric currents is depicted in Fig. 9. 
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Fig. 9 Force limitation of semi-active damper. 
In MSD control, the damping force can be formulated as: 
[ ( ) (1 ) ]
MSD w b b
F C Z Z Z                             (7) 
where MSDF  and C  are the demanded damping force and maximum damping coefficient;   is 
a dimensionless weighting parameter which varies between 0 and 1 (when   = 1, the damper 
provides conventional passive damping; when   = 0, the damper provides skyhook damping); 
and wZ  and bZ  are vertical velocities of the unsprung and sprung masses, respectively. In order 
to realize such a strategy with the semi-active damper, the real semi-active damping force should 
follow the clipping strategy described below: 
min max sup
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    
             (8) 
where supF  represents the real damping force and minF  and maxF  are force limits illustrated in 
Fig. 9. 
The MSD controllers were developed in MATLAB/Simulink and the integration of the 
controllers and the truck model was carried out through the co-simulation of Adams and 
Matalb/Simulink, as shown in Fig. 10. The semi-active damper’s time delay—which is due to a 
combination of power supply dynamics, magnetic circuit dynamics, fluid rheology effects, and 
fluid compressibility effects—was set to 40 ms [23]. 
 
 
Fig. 10 Co-simulation process based on Adams/MATLAB. 
5.2 Parameter tuning of MSD control 
There were eight dampers mounted on the four axles of the semi-active truck. The control 
variables of four semi-active dampers mounted on two steering axles were set with the same 
values to represent similar load and unsprung mass for four suspensions, and the values for control 
variables of four semi-active dampers mounted on two driven axles were also set at the same 
values. Thus, the whole suspension system of the semi-active truck had four control variables: 1C : 
maximum damping coefficient of dampers on steering axles; 2C : maximum damping coefficient 
of dampers on driven axles; 1 : dimensionless weighting parameter of dampers on steering axles; 
2 : dimensionless weighting parameter of dampers on driven axles.  
Orthogonal tests were employed here to choose values of the variables for best overall 
performance of the semi-active truck. Interaction between factors was also considered to ensure 
accuracy of analysis of experimental results, i.e. the interaction of 1C  and 1 , 2C  and 2  with 
overall performance. 
According to studies carried out by Besinger et al. and Kitching et al., the value of   in MSD control should be between 0.1 and 0.3 to obtain satisfactory vehicle performances [19, 21]. 
Therefore the three levels used for both 1  and 2  were 0.1, 0.2 and 0.3. Reasonable values of 
1C  and 2C  have been shown to be between 0.7×10
5－1.7×105N.s/m in massive simulations, 
therefore the three levels chosen for 1C  and 2C  were 0.7×105 N.s/m, 1.2×105 N.s/m and 1.7×
105 N.s/m.  
To assess the overall performance of the truck, indices of the truck’s road friendliness and 
ride comfort should be weighted to derive an overall performance index [24]. The overall 
performance index is given by: 
21110.58 ( ) 0.42P a a J   ＋                         (9) 
Where P is the overall performance index, 11a  is the normalized vertical acceleration of driver 
seat, 21a  is the normalized vertical acceleration of centre of gravity of goods, and J  is the road 
damage coefficient. L27313 orthogonal table which satisfy all the design requirements above was 
chosen for the experiments and shown below. 
 
Table 4 Statement heading of orthogonal test. 
Number of factors Column number Performance criteria 1 2 3 4 5 6 7 8 9 10 11 12 13 J a1 a2 P 4 A C  D B AB AB CD   CD   
Note：The four factors are: A ( 1 ), B ( 1C ), C ( 2 ), D ( 2C ). 
 
The simulation was run on a C level road and simulation time was set to 20 seconds with an 
integration time step of 0.01; the ‘step function’ was employed to accelerate the truck to 20 m/s in 
the first ten seconds, after which the truck travelled in a straight line with a constant velocity of 20 
m/s for the following ten seconds. Table 5 shows the results of 27 simulations in the orthogonal 
test.  
 
Table 5 Orthogonal test result. 
Simulation 
number 
Column number Performance criteria 
1 2 3 4 5 6 7 8 9 10 11 12 13 J a1 (m.s-2) 
a2 
(m.s-2) P 
1 1 1 1 1 1 1 1 1 1 1 1 1 1 1.109 0.386 0.417 0.598 
2 1 1 1 1 2 2 2 2 2 2 2 2 2 1.108 0.347 0.418 0.368 
3 1 1 1 1 3 3 3 3 3 3 3 3 3 1.109 0.323 0.424 0.300 
4 1 2 2 2 1 1 1 2 2 2 3 3 3 1.103 0.386 0.407 0.377 
5 1 2 2 2 2 2 2 3 3 3 1 1 1 1.102 0.349 0.408 0.157 
6 1 2 2 2 3 3 3 1 1 1 2 2 2 1.102 0.325 0.414 0.061 
7 1 3 3 3 1 1 1 3 3 3 2 2 2 1.102 0.387 0.406 0.349 
8 1 3 3 3 2 2 2 1 1 1 3 3 3 1.101 0.348 0.407 0.118 
9 1 3 3 3 3 3 3 2 2 2 1 1 1 1.100 0.325 0.413 0.000 
10 2 1 2 3 1 2 3 1 2 3 1 2 3 1.104 0.391 0.405 0.421 
11 2 1 2 3 2 3 1 2 3 1 2 3 1 1.102 0.348 0.409 0.157 
12 2 1 2 3 3 1 2 3 1 2 3 1 2 1.101 0.325 0.423 0.081 
13 2 2 3 1 1 2 3 2 3 1 3 1 2 1.110 0.389 0.417 0.642 
14 2 2 3 1 2 3 1 3 1 2 1 2 3 1.108 0.346 0.421 0.378 
15 2 2 3 1 3 1 2 1 2 3 2 3 1 1.109 0.323 0.437 0.369 
16 2 3 1 2 1 2 3 3 1 2 2 3 1 1.104 0.390 0.407 0.426 
17 2 3 1 2 2 3 1 1 2 3 3 1 2 1.115 0.347 0.411 0.526 
18 2 3 1 2 3 1 2 2 3 1 1 2 3 1.101 0.325 0.424 0.087 
19 3 1 3 2 1 3 2 1 3 2 1 3 2 1.106 0.393 0.407 0.498 
20 3 1 3 2 2 1 3 2 1 3 2 1 3 1.105 0.353 0.420 0.326 
21 3 1 3 2 3 2 1 3 2 1 3 2 1 1.105 0.363 0.481 0.704 
22 3 2 1 3 1 3 2 2 1 3 3 2 1 1.105 0.394 0.406 0.470 
23 3 2 1 3 2 1 3 3 2 1 1 3 2 1.103 0.353 0.418 0.260 
24 3 2 1 3 3 2 1 1 3 2 2 1 3 1.102 0.367 0.480 0.636 
25 3 3 2 1 1 3 2 3 2 1 2 1 3 1.110 0.392 0.418 0.663 
26 3 3 2 1 2 1 3 1 3 2 3 2 1 1.109 0.351 0.432 0.491 
27 3 3 2 1 3 2 1 2 1 3 1 3 2 1.111 0.350 0.475 0.771 
 
The results of range analysis of overall performance is shown in Table 6. According to values 
of R (range of each factor), the influence capacities of the four control variables and their 
interaction to P are sorted as: 1 > C2 > 1C1 > C1 > 2C2 > 2. Due to the fact that the truck gets 
best performance with the smallest P, the best level of every control variable is determined by 
choosing the smallest value from k1 to k3 of each column (ki: aggregate P for tests of level i 
divided by the test number of level i). Thus, when values of 1, 2, C1, and C2 were 0.1, 0.2, 1.7×
105 and 1.7×105, the best overall performance of the semi-active MSD control truck was obtained. 
It is worth noting that due to the interaction of sprung mass vibrations on different axles and the 
complex mechanical properties of the leaf spring, tandem suspension and rubber bushings in the 
FVP truck model, the value of C was higher when an optimized overall performance was obtained 
compared with the conclusions made by Besinger; his quarter vehicle model did not properly take 
these factors into account. 
 
 
 
Table 6 Range analysis of comprehensive performance. 
Analysis 
variable 
Column number 
1 2 3 4 5 6 7 8 9 10 11 12 13 
k1 0.2586 0.3836 0.4078 0.5089 0.4936 0.3264 0.4996 0.4132 0.3589 0.3655 0.3521 0.4033 0.3747 
k2 0.3430 0.3722 0.3533 0.3514 0.4181 0.4714 0.3123 0.3552 0.4097 0.3617 0.3728 0.3698 0.3951 
k3 0.5355 0.3813 0.3761 0.2768 0.3343 0.3393 0.3252 0.3687 0.3685 0.4099 0.4122 0.3640 0.3673 
R 0.2768 0.0114 0.0545 0.2321 0.1593 0.1450 0.1872 0.0580 0.0508 0.0482 0.0601 0.0394 0.0277 
 
5.3 PID controller design and parameter tuning 
PID control was also employed in semi-active dampers because of its simplicity and wide 
acceptability [25]. There is one independent PID controller for each damper, and the control 
algorithm is given by the following formulae:  
0
( )
( ) ( )
t
PID P i d
de t
F K e t K e t dt K
dt
                       (10) 
where PIDF  is the damping force, ( )e t  is the suspension dynamic deflection, i.e. vertical 
displacement of sprung mass subtracted from vertical displacement of axle. It was chosen as the 
input variable for the PID controller because it relates to both vertical vibration of sprung mass 
and dynamic tire load [26]. PK , iK , dK  are proportional, integration and derivative 
coefficients. 
A number of methods have been developed for designing and tuning PID controllers [27]. 
Among these methods, the Ziegler–Nichols straightforward tuning method was commonly used 
[28]. Each PID controller was tuned separately based on the Ziegler–Nichols method, with the 
same simulation conditions as described in section 3.2. When one controller was being tuned, the 
output values of other controllers were set to zero. PK , iK , dK  were determined in such a way 
that the proportional gain was set to a typical value for representative uses and simultaneously 
both the integral and derivative gains were turned to zero as if the controller were a proportional 
controller. The proportional gain was slowly increased from a reasonably low level until 
adjustment of the setpoint by adding a step (either positive or negative) correction of about 5 per 
cent of its original value induced self-sustaining oscillations. At this point in the tuning process, 
the proportional gain could be defined as the critical gain, Ku, and the oscillation period at this 
point as the critical period, Tu, for the controller. The control parameters could then be set using 
the equations in reference [29]. 
6 Results and discussion 
The performance of MSD, PID semi-active dampers on A, B and C level roads are shown in Table 
7. The driving velocity was same as the simulations outlined in sections 3.2 and 3.3. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Table 7 Simulation results comparison of two control strategies. 
Level of road Performance criteria 
PID semi-active 
truck 
Optimization ratio 
(compared with 
the passive air 
suspension truck)
MSD semi-active 
truck 
Optimization ratio 
(compared with 
the passive air 
suspension truck)
A 
J 1.040 -0.3% 1.026 1.1% 
D1 (N) 388.36 8.6% 321.00 24.5% 
D3 (N) 258.77 -3.7% 223.22 10.5% 
a1 (m.s-2) 0.136 11.1% 0.086 43.8% 
a2 (m.s-2) 0.131 -5.6% 0.107 13.7% 
B 
J 1.092 -1.4% 1.056 1.9% 
D1 (N) 823.76 8.6% 679.84 24.6% 
D3 (N) 748.97 -4.2% 472.72 10.3% 
a1 (m.s-2) 0.288 11.1% 0.181 44.1% 
a2 (m.s-2) 0.277 -5.7% 0.228 13.0% 
C 
J 1.153 -1.2% 1.101 3.3% 
D1 (N) 1491.87 8.5% 1223.87 25.0% 
D3 (N) 982.44 -3.9% 849.91 10.1% 
a1 (m.s-2) 0.525 10.9% 0.325 44.8% 
a2 (m.s-2) 0.501 -6.1% 0.412 12.7% 
Note：D1 and D3 are RMS value of dynamic load of the right tyre of the first axle, right outer tyre of the third axle. 
 
It can be seen in Table 7 that compared with the passive air suspension truck, employing PID 
semi-active dampers reduce the RMS driver seat vertical acceleration by 11.1%, 11.1% and 10.9% 
on A, B and C level roads respectively. However, both RMS vertical acceleration of centre of 
gravity of goods and road damage coefficient increase. The MSD semi-active truck demonstrates 
significant improvements in terms of both road-friendliness and ride comfort, accompanied by 
robustness to variation of road level. The optimization ratios of RMS vertical acceleration and 
RMS tyre force for MSD semi-active truck are ranging from 10.1% to 44.8%. 
Figs. 11 illustrates the power spectral densities (PSD) of vertical accelerations and dynamic tire 
forces when the PID and MSD semi-active dampers are employed and the trucks are running on a 
C level road. The theoretical natural frequencies of the sprung and unsprung masses are 
approximately 2.1 and 11.4 Hz, respectively [30]. It is evident that compared with the PID 
semi-active control, the vertical acceleration response and dynamic tire force at frequencies less 
than 5 Hz are effectively isolated using MSD semi-active control, the peak values around body 
bounce frequency decrease by 73.9%, 70.4%, 47.5% and 45.6% in (a), (b), (c), (d) respectively. 
However, the performances of MSD semi-active truck deteriorate at frequencies higher than 5 Hz, 
with peak values around wheel hop frequency increasing by 47.4%, 0.4% 36.3% and 29.7%. Since 
the peak values around wheel hop frequency are much lower than that around body bounce 
frequency, the overall performance of road friendliness and ride comfort of the MSD control is 
still better than the PID control. Simulations on A, B level of roads were found to give similar 
results. 
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Fig. 11 PSD comparison of the PID and MSD semi-active trucks. 
7 Conclusions  
(1) A four-axle heavy truck-road model is developed based on FVP technology and validated 
through a ride comfort test.  
(2) Appropriate passive air suspensions are chosen to replace the rear tandem suspensions of 
the original truck model for preliminary optimization. Then two simple but effective control 
strategies-- MSD, PID control are developed and applied to semi-active and active dampers 
considering the time lag of semi-active dampers.  
(3) Control parameters which could provide the best comprehensive performance are 
determined by orthogonal test and Ziegler–Nichols method for MSD control and PID control. 
(4) Compared with the passive air suspension truck, employing PID semi-active dampers 
only reduce the RMS driver seat vertical acceleration by 11.1%, 11.1% and 10.9% on A, B and C 
level roads respectively, both RMS vertical acceleration of centroid of goods and road damage 
coefficient increase.  
(5) MSD semi-active truck demonstrates improvement in terms of both road-friendliness and 
ride comfort, with optimization ratios of RMS vertical acceleration and RMS tyre force ranging 
from 10.1% to 44.8% on various level of roads. However one deficiency for MSD control is that it 
is less effective in isolating vibration higher than 5 Hz relative to PID control. 
(6) Characteristics of multi-axle air suspension with longitudinal air lines, as well as the 
matching method between stiffness control and damping control will be investigated in future 
works. 
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